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1. INTRODUCTION

Vibration transmitted from the vehicle to the driver
during operation reduces body comfort. Long-term
exposure to this vibration can lead to many dangerous
occupational diseases [1-3]. The seat suspension
systems for drivers of buses, in particular, and road
vehicles, in general, have long been researched and
applied to reduce the effects of vibration transmitted to
the driver [1, 4]. The comfort level and effect on the
driver's health as subjected to vibration have long been
studied [1, 2]. This influence is related to specific
natural frequencies of the body's organs, leading to the
response of these organs according to the excitation
frequency and amplitude [1, 2]. Similar to the vehicle
suspension system with the ability to absorb and
dissipate excitation energy transmitted to the vehicle
body [5], the seat suspension system has the form of a
spring-mass-damper system designed to reduce and
dissipate energy over the excitation frequency range
before transmitting to the driver [6, 7]. According to
simulation and experimental studies, this system has
proven effective in isolating vibrations, especially high-
frequency ones [6-12].

Using the 1DOF model to simulate the seat
suspension system and only considering the excitation
from the floor transmitted to the seat, ignoring the
influence of the vehicle suspension system and vehicle
body, can be mentioned in studies [7-9]. In particular,
the study modeled the seat suspension system with an
air spring and a nonlinear hydraulic damper tested using
excitation signals according to standards for wheel
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A Comparison of Vibration Behavior of
Linear and Nonlinear Bus Driver Seat
Suspension System Using the 5DOF

Vibration of the driver's seat suspension is analyzed using a SDOF model.
The seat’s suspension system includes an air spring and hydraulic damper
having nonlinear behavior determined experimentally. The random
excitation y.(t) is simulated with ISO 8608 standard through the floor
vibration acceleration obtained with the device VM31. Operating
parameters include vibration isolation ability SEAT (%), comfort level a,,
(m/s’) (ISO 2631:1-1997), and vibration's effect on health A(8)
(2002/44/EC). At an average speed of 48 (km/h), the a,, values of body
parts in the linear case are larger than in the nonlinear case, precisely
32%, 40%, 33,5%, and 35,5% in the head, pelvis, upper torso, and lower
torso, respectively. SEAT value reaches 93,5% and 74,1% for the linear
and nonlinear cases, respectively.
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loaders and bulldozers [7]. Research was conducted on
applying rotational magnetic damping to the seat
suspension system for heavy trucks subjected to
harmonic and random excitation [8]. Research the
influence of damping parameters on the vibration
isolation feature of the seat suspension system with
different occupant load modes using the 1DOF model
[9]. In addition, experimental studies have also been
conducted to evaluate the performance of the seat
suspension  system [10-12]. In particular, the
experimental study compared the effectiveness of
vibration isolation and comfort of the bus driver on 03
types of seats with different seat suspension systems
subjected to many road conditions and air spring
pressure parameters [10]. An experimental study
measuring the ability to isolate vibrations of the seat
suspension system installed on an agricultural tractor
when operating on two types of road surfaces was
conducted [11]. The research that evaluated the impact
of the seat suspension system on drivers of different
ages and genders in two types of buses with different
floor height structures was presented [12].

In addition to the 1DOF seat models used in the
above studies, the seat suspension models were
integrated into the vehicle models [13-19]. Research on
the application of the 1DOF driver's seat model
integrated into the vehicle 4DOF model for analyzing
the driver's vertical and lateral vibration subjected to
random excitation [13]. The application of the 2DOF
vehicle model integrated a 1DOF seat model and a
SDOF driver model to simulate the driver and seat
suspension vertical vibration when subjected to transient
excitation [14] and random excitation [15]. The
application of a 2DOF vehicle model integrated a 2DOF
seat and driver model [16], 2DOF seat, and 4DOF
driver model [17], subjected to transient and random
excitation. The vehicle model 7DOF application
integrated the seat suspension system and driver SDOF
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model [18] and IDOF model [19] to evaluate the
driver's vertical, longitudinal, and lateral vibration. In
addition, research on the application of the 2DOF
quarter-vehicle model to analyze the vibration of the
vehicle body integrated with the human body has also
been proposed [20]. The dynamic behavior model of the
air spring used on suspension systems has been studied
with an analytical model based on the state change of
the air inside the air spring, which can be mentioned
[21].

The disadvantage of passive driver seat suspension
is that it cannot isolate vibration with low frequencies
from 0,5 - 4 (Hz) [7, 9]. When operating on the road,
vehicles are stimulated by continuously varied
frequency vibration from 0,5 - 20 (Hz) [7]. It is
necessary to analyze the seat suspension vibration in
specific operating conditions to evaluate the working
efficiency of the suspension. However, the assessment
of the effect of vibration on the bus driver in Vietnam
still needs to be improved. The above studies are still
limited in integrating the nonlinearity of elastic,
damping elements, and kinematics of guiding elements
into a single dynamic model describing the vibration of
the occupant. Hence, the evaluation results of the
comfort level or vibration isolation efficiency of the
system are not optimal. Therefore, this study was
conducted to assess the working efficiency of seat
suspension and driver behavior when operating vehicles
in Vietnam. The seat's suspension system is analyzed
specifically with the integration of nonlinear models of
the component elements. This study can be applied in
designing and optimizing the driver's seat suspension
system through the established dynamic analysis model.
At the same time, the analysis of the differences
between linear and nonlinear models' responses can be
used as a basis for selecting the calculation model
according to specific cases in practice.

2. EXPERIMENTAL METHOD

2.1 Vehicle floor excitation y(f)

The vehicle floor's vibration excitation data is collected
on the Wenda Gi.34 bus according to the data collection
diagram and route on the map in Figure 1. Accordingly,
excitation data is collected for specific cases according
to working conditions on the actual fixed route of the
vehicle from the place of departure (Binh Tan District)
to the place of work (Cu Chi Automobile Enterprise).
The VM31 device receives acceleration data from the
vehicle floor a. g0 (m/s®) right below the driver's seat
position through the KS963B100 sensor in the
frequency range 0,2-1500 (Hz) over time in the form of
interval root mean square. Compared to the first
experiment research [22], the wvehicle departed 10
minutes earlier (from 6:20 a.m.) to avoid rush hour
congestion in the second experiment. The vehicle
arrived at the destination about 50 minutes, 10 minutes
earlier than the first experiment [22]. The average
vehicle speed reached 48 (km/h) higher than the study
[22] 8 (km/h). The average floor acceleration value over
the entire time domain is approximately 0,598 (m/s?),
Figure 2.

With the measured floor acceleration signal,
research is done to find the optimal reference power
spectrum value @, (m’/rad) at spatial frequency Q, =
1 (rad/m) according to the instructions of ISO 8608
standard [23], branch 01 of the diagram in Figure 3. The
value Do, (m3/rad) found is continued according to
figure 3 in branch 02 to calculate the random excitation
signal on the speed domain v [5-80] (km/h), and branch
03 gives the harmonic excitation signal in the frequency
domain f0,5-20] (Hz).
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Figure 1. Experimental setup for collecting vehicle's floor excitation data
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Figure 2. Floor acceleration signal over time a,_soor (M/s?)
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Figure 3. Simulation diagram for random excitation signals in the speed domain and harmonic excitation signals in the

frequency domain

2.1.1 Floor excitation random signal y({)

The ISO 8608 standard [23] guides the simulation of a
random excitation signal over time y,(f) (m) with the
excitation frequency range f [0,5-20] (Hz) [7] and the
spectrum value reference @, (m’/rad) at spatial
frequency £y = 1 (rad/m). The random displacement of
the floor surface y,(¢) is calculated according to (1) [17].
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3

_% |2ao
y,(t)_% . .@0.%

J .sin(.q.v.t—l//i) (1)

The equation’s components can be describe as: N =
500: The number of sine waves is chosen i = 1+N: The

-th

i sine wave ©;: The wavenumbers €, are chosen to lie
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at N equal intervals AQ (rad/m) (rad/m) v = 48 (km/h):
Velocity #: Time (s), y;: the different sets of uniformly
distributed phase angles in the range between 0 and 27
(rad), w = 2: The drop in magnitude based on the
mathematical model (1) and the implementation
diagram in Figure 3, the optimal reference power
spectrum value is found to be @, = 3,1.108 (m3/rad) ,
the RMS value of floor acceleration simulation with
Dy, reaching 0,569 (m/sz). This value is 4,84% smaller
than the measured value of 0,598 (m/s?).

RMS floor accelearation =f),569 (m/s2

2

Floor vertical acceleration (m/s~), ISO 8608

0 2 4 6 8 10
Time (s)

Figure 4. Floor vertical acceleration according to ISO 8608
with ®g0p: = 3,110 (m*/rad)
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2 T
v =10 (km/h)
L5 - - =y =40 (km/h)| |

Floor vertical displacement, v, () (m)

0 10 20 30 40 50 60
Time (s)

Figure 5. Floor vertical displacement over time y(t) (m) at
speeds 10 (km/h), 40 (km/h), 80 (km/h)

2.1.2. Floor excitation harmonic signal yh(t)
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Figure 6. Harmonic excitation
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The input excitation y,(¢) has the form of a harmonic
function in the vehicle's ordinary working frequency
domain f[0,5+20] (Hz) [7] when moving on the road,
according to Figure 6.

The y,(f) signal in Figure 6 is represented based on
equation (2). The amplitude of the harmonic signal 4, =
4,3475.10™ (m) is taken based on the average amplitude
of random excitation signals in the speed domain,
according to Figure 7.

v ()= 4, sin (27 ft ) (m) @)
4
7 x 10
g A, = 4,3475.10 (m)
o 5t
g
e
Z a4l
g
5 3
>
1)
S 2t
(e
1 1 1 1
0 20 40 60 80

Velocity (km/h)

Figure 7. The average amplitude A, (m) in the velocity
domain

2.2 The seat suspension parameters

2.2.1. Air spring’s experimental parameters

The air spring reaction force F,; (N) according to the
deformation y (m) is obtained through the experimental
model in Figure 8. Accordingly, the input parameters of
the experimental model are the parameters of the air
spring on the seat suspension system when the driver is
in a balanced position. The total mass placed on the air
spring is approximately 100 (kg), initial pressure Py =
1,8.10° (N/m?), air volume ¥V, = 7,05.10 (m?), initial
height 4, = 0,08 (m). The excitation signal is in
harmonic form with frequency f = 0,01 (Hz) and
amplitude 4, = 0,025 (m). Experimental results of the
reaction behavior of the air spring F,; (N) corresponding
to the deformation y (m) according to Figure 9 and
equation (3).

The measurement results in Figure 9 show the
nonlinear behavior of the air spring reaction force F
(N) when subjected to expansion and compression. In
particular, the change in the magnitude of F; (N) in the
compression state is more significant than the expansion
state when considering the same magnitude of
deformation (compared to the initial equilibrium
position). When included in the overall calculation
model, the F, value (N) in the same state at any
deformation is averaged to simplify the F, reaction
parameter (N). The mathematical model describing the
average behavior of F,3 (N) according to y (m) is
expressed as (3).
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Figure 8. Air spring experimental setup diagram
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Figure 9. Air spring reaction force F,s (N) according to
deformation y (m)

Nonlinear
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2.2.2 Damper’s experimental parameters

The seat suspension damping element installed on the
guiding mechanism, figure 8, is the single-tube
hydraulic shock absorber. The behavior of the reaction
force of the damping element F,; (N) according to the
speed dy (m/s) when subjected to excitation is
determined with the measurement model of Figure 10.
The excitation signal is in harmonic form with

200 = VOL. 53, No 2, 2025

frequency f = 3 (Hz), amplitude 4, = 0,02 (m).
Experimental results show the behavior of the damping
reaction force F,; (N) with speed dy (m/s) in Figure 11.
The relationship between damping force F, (N) and
speed dy (m/s) is digitized using the 5th-degree
polynomial model according to (4).

Nonlinear
Fy = —1,7209-10° -dy” +..—5201,4 - dy* +
+30016dy° +2839,6-dy” +1336,7-dy 4)
Linear
Fy = 2137-dy

Hydraulic
damper

Figure 10. Damper experimental setup diagram
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Figure 11. Damper reaction force F4 (N) according to
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Figure 12. Driver seat dynamic 5DOF model [24, 25]

Figure 13. Seat suspension system’s equivalent model
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0.4

3. SIMULATION MODEL

3.1 Driver and seat’s suspension system

Model of bus driver's seat suspension system, Figure 12,
with an X-shaped guiding mechanism connecting the
seat surface at points B, C and the floor surface at points
A, E. This type of seat suspension system with guiding
mechanism only allows to absorb vertical vibrations
from the driver. The air spring is permanently connected
to the bottom frame and seat frame at points 4 and B
with bolts. The damping element is installed into the
guiding mechanism at the K and L joints. The driver
model is used as a 4DOF bio-dynamic model [24, 25]
including parts of the human body such as pelvis, the
lower torso, upper torso, and head are connected to each
other through elastic and damping joints. Technical
specifications of the model are summarized in
Nomenclature section.

==l Cd

Mse —Ly -
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3.2 System dynamic equation
3.2.1. Seat suspension — cushion model

The seat suspension system model in Figure 12 with the
kinematic influence of the coefficients U and V' are
obtained from the dynamic analysis of the X-shaped
gui—ding mechanism according to the procedure below.
The relationship between the rotation angle a(f) (rad) of
AC, excitation from the floor surface y(f), and seat
surface disp—lacement y(f) over time is described
according to (5), (6).

[ si -
a(t) = arcsin e * y[se 0=y (rad) %)

_ Fse®=3(0)
lcosa

a(t) (rad/s) (6)

The relationship between the rotation angle of dam—
per (KL) ¢(f) according to a() is described as (7), (8).

) ; AK DLt q ;
= arctan| —————tan
¢ XC — DL (rad) O]

Angular velocity:

¢(t)=ad (4K -DL)(KC-DL)....

1
rad/s 8
cos” a + sin
KC -DL

The relative speed between points K and L in the
deformation direction of the damping element KL is
analyzed based on the coordinates of points K (xk, yk), L
(o2, y1) according to (9), the speed of point K (vik, vyx),
L (vu, vy1) according to (10), Figure 14. Assuming the
floor is moving upward and the system is expanding, the
instantaneous centers of rotation of points K and L are at
points A and C, respectively, with corresponding turning
radii AK and CL. From the assumption and according to
(10), the direction of points K and L velocity vectors is
determined according to Figure 14.

{xK = AK cosa {XL :(I—DL)cosa ©
yg =AKsina+ y(t) |y; = DLsina + y(t)
vy =—cdKsina YL :d(DL—l)sina
{VyK =dAKcosa+j(t)’ )L =aDLcosa + (t) (10)

From the kinematic model in Figure 14, the relative
speed between points K and L in the KL direction is
calculated according to (11) when considering the
component vectors in the KL direction.

VK = cos¢(vxK _VxL)+ sin ¢(VyK _VyL) (11)
Substituting the values from (10) and (11) yields (12).

o (4k -DL)’ +(KC-DL)’
VK[ = a.SInacos . KC DL (12)
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Separating the joints of the seat suspension system at
points 4, B, C, D, K, and L and the mass elements,
Figure 13, from the system results in a reaction force
model, as shown in Figure 15. The friction force
between the slider on the slide rails at points C and D is
mentioned. The guiding bars of the X-shaped mec—
hanism, in reality, have a very small mass (accounting
for about 0,6% of the total system mass), so the moment
of inertia of these elements is considered negligible.

The force components can be describe as:

Flaw Fayy Fut, Fpt, Fpa, F, Fopt, Fopo, Fpy: Reaction
force (N) in x and y directions at joints 4, B, C and D,
respectively

Fsci» Fousco, Fspo: Friction force between slider and
sliding rail at joints C, D, respectively

Applying Newton's Il law to the force analysis
model of Figure 15, the overall mathematical model
describing the behavior of mass elements in the system
over time is synthesized according to (13), (14).

——

} ———

k )
B S II\' ‘I,J'IK C

Figure 14. Kinematics of K and L points
Linear
MgeVse = Ve (yse - y) +Ucge ()"Se - y)

+kd (yd _yse)"'cd (yd _J)Ase)

1
V=—
ptana —1 (13)

U 2MK .sin a.cos (/J.sin(a + (p)

(,utana —1)(ACcos05)2
[(AK —DL)2 +(KC—DL)2}

(kCc-DL)

Nonlinear
MgeVse = VFys +UFd +kd (yd —yse)...
+eq (3g —Ise)
y_ | (14)

N ptana —1
B 2MKsin(a+q))
- ACcosa(ytana—l)
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Figure 15. Suspension system’s reaction force model

3.2.2 Driver’s body model

Separating the mass elements of the driver's body model
from the joints results in a reaction model, according to
Figure 16. Applying Newton's II law to the force
analysis model of Figure 16, the overall mathematical
model describing the behavior of the body mass
elements over time is compiled according to (15).

J'!‘rnljerrt';.fr_J”L“h’:l'

4. ASSESSMENT STANDARDS
4.1 Under random excitation

4.1.1 Comfort — ISO 2631:1-1997

The driver's comfort level when affected by whole-body
vibrations on the bus is assessed through the overall
frequency-weighted acceleration value @, (m/s®)
according to ISO 2631:1-1997 standard [2]. With a
series of instantaneous frequency-weighted acceleration
values a,(f) (m/s*) during the vibration period from T}
(s) to T (s), the overall a,, (m/s?) value is calculated
according to (16). W, is the corresponding weighting
filter at frequency £; in the i/ 1/3 octave band, aft) is the
J™ acceleration value at frequency f; after the "Fourier"
transformation. The comfort level is assessed according
to Table 1 based on the obtained a,, value.

Table 1. Driver comfort estimation under different
acceleration intensities [2]

km”'}lm'yﬂ}l

kj}m'lr.]"‘lif'.}"p} Cpur{-]'.?"f'yﬂ}

Acceleration 12ntens1ty a, Comfort estimation
(m/s”)
a,, <0,315 Not uncomfortable
0,315< a,, <0,63 A little uncomfortable
0,5<a, <1 Fairly uncomfortable
0,8<a,, <1,6 Uncomfortable
Eﬁu;[}rh__}r]ﬂ.’
My
| K ViV i) Chad V7V ut)
L0 e T LI e O i
Y . . Fi T
Cﬂur{.}’iff J”p} k}m{_}’err'_‘ fr} h"{'} uf '}”}
k V¥ p) € ViV p) It

k prrU?f!'-]'?P}I_Llf;;.er}ﬂ'.];’ n)

__
3

k(v g-vse) €4V gVse)

Figure 16. Driver’s body free diagram [24,25]

mpVp = ~kpys (yh _yut)_chut (Y'h —y'ut)
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Myt Vur = ~kpy (yut _ylt)_clut (yut _ylt)_kput (yut _yp)_cput (yut _j’p)+khut (yh _yut)+chut (yh _yut)

mpYp =—kg (yp _yse)_cd (yp _j’se)+kput (yut _yp)+cput (yut _yp)+kplt (ylt _yp)+cplt (j’lt _yp)

my 3y = —Kpie (ylt ~Vp ) ~Cplt (y'lr ~Jp ) e (ur =10 )+ et (e =0t )

(15)
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1 &L (1N,
= S — : di 16
a, noT }[%Wz [N]éla‘l (t)ﬂ t (16)

Vibrations of the seat suspension system and the
driver within the study's limits are only considered in
the vertical direction, so the frequency weighting filter
wyr is used [2]. Accordingly, the frequency weighting
filter value wy at frequency f (Hz) is determined
according to ISO 2631:1-1997 standard [2] (17).

sig <[ty (o) ot (o) () 1 ) a7

where:
|Hy(p)|: High-pass filter (Butterworth characteristics)
(18):
4

|Hh (p)| _ f4./+ f14 (1 8)

|H(p)|: Low-pass filter (Butterworth characteristics)

(19):

4
3 (19)
gt

‘Hl (1’)‘ =

|H/(p)|: Acceleration-velocity transition filter (20):

e Ay (20)
|Ht (p)| *V f32 Vf4~Q42 +f2-f42~(172Q42) +f44-Q42

|H(p)|: Upward step filter (21):

()= R 1)
L \J.f'4‘Q52 i (1202) sl

4.1.2 Health — 2002/44/EC

According to European standard 2002/44/EC [26], the
ability to affect human health when subjected to
vibration is assessed based on the value 4(8). With the
a,, value calculated according to (16) in the period T;-T5
(hours), reference time 7, = 8 (hours), and weighting
factor k = 1 (for vertical direction) [26], the value A(S)
is calculated according to (22). Human health begins to
be affected when the value of A(8) > 0,5 (m/s?), and if
A(8) exceeds 1,5 (m/s”), health is seriously affected by
vibration [26].

A(8) = ka,, hoh (22)

Ty

4.1.3. Seat effective amplitude transmissibility -
SEAT

Seat effective amplitude transmissibility - SEAT (%) is
calculated according to (23). With SEAT value > 1, the
seat suspension system does not cut down vibrations but
amplifies vibrations transmitted to the human body, in
contrast to SEAT < 1.

204 = VOL. 53, No 2, 2025

SEAT = 23)

4.2 Under harmonic excitation

4.2.1 Body acceleration gain response - GAA¢

The acceleration response of body parts according to
frequency (considering the influence of frequency
according to ISO 2631 [2]) is investigated through the
GAAy value according to (24). Where, ys,, () (m/s%) is
body’s part acceleration over time.

a5
G - “x(ysgg(’))wkf 4)
(rr) 4, -

4.2.2 Body displacement gain response — GAD¢

The displacement response of body parts according to
frequency is investigated through the GAD, value (25).
Where, yseq(f) (m/s?) is body’s part displacement over
time.

Max(yseg (t)) 25)
A/

h

GADf =

4.2.3 SEAT;

Seat effective amplitude transmissibility according to
frequency is evaluated by SEAT; value (26).

Max (j/'se (t))

(26)
(2;;f)2 4,

SEATf =

4.2.4. Suspension relative displacement gain
response — GASRDy

Suspension relative displacement gain response accor—
ding to frequency is evaluated by value GASRD, (27).

Max|y,, - y| 27)

h

GASRD, =

5. RESULTS AND DISCUSSION
5.1 Random
5.1.1 Time domain

In the average speed mode of 48 (km/h), the
acceleration value of human body parts over time is
shown in Figures 17, 18, 19, and 20. Acceleration RMS
values in the linear case are all over 30% larger than the
nonlinear case, specifically 32% in the head, 40% in the
pelvis, 33,5% in the upper torso, and 35,5% in the lower
torso. Thus, the human body acceleration value in both
linear and nonlinear cases results in the level of
sensation in range without uncomfortable sensations.

FME Transactions



However, the significant difference in acceleration
between the two cases needs to be considered for
studies with larger stimulation amplitudes to ensure a
correct assessment of the actual situation.
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S
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Figure 17. Head’s weighted acceleration (m/s?) in the time
domain
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Besides, when comparing the body's parts, the acce—
leration of the head is most significant and gradually
decreases, corresponding to the upper torso, lower torso,
and pelvis for both linear and nonlinear -cases.
Specifically, compared to the pelvis, head, upper torso,
and lower torso accelerations are 37,5%, 27,4%, and
25,3% larger for the linear case and 46%, 33,8%, and
29,8%, respectively, for the nonlinear case. Accor—
dingly, with the human body model chosen [24, 25], the
possibility of losing the feeling of comfort increases
from the pelvis to the head. From the results of acce—
leration values according to ISO 2631:1-1997 [2] of
body parts, the value A(8) for health assessment
according to standard 2002/44/EC [26] is always
guaranteed when the driver only works 50 minutes per
day in practice with both linear and nonlinear models.
According to Figure 21, the acceleration RMS value in
the linear case is 26,2% larger than the nonlinear case
for seat frame acceleration. Similarly, the vibration
isolation ability of the seat suspension system SEAT (%)
reaches 93,5% and 74,1% for the linear and nonlinear
cases, respectively. Survey cases in the vehicle speed
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domain in the region 5-80 (km/h) are summarized
according to the results below.

5.1.2 Velocity domain

The influence of vehicle speed on the driver's comfort
level, health, and the vibration isolation ability of the
seat suspension system is surveyed with the results
obtained in Figures 22, 23, and 24. Similar to the time
domain, the survey values in the speed domain are also
compared in both linear and nonlinear cases.

*Comfort

Figure 22 shows that the comfort level of all parts of
the body decreases when the acceleration value
according to ISO 2631:1-1997 standard a, (m/s%)
increases as increasing vehicle speed. However, in all
surveyed cases, the driver had a sensation within the
range of no discomfort (a,, < 0,315 (m/s%)). The increase
in acceleration with speed of each part is investigated
based on the ratio of acceleration at high speeds
compared to that at speed 5 (km/h). The calculation
results are summarized in Table 2.
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= Head linear
0.25 Upper torso linear

s [ower torso linear
Pelvis nonlinear

02 == Head nonlinear

Upper torso nonlinear
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w)
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Figure 22. Body segments’ RMS weighted acceleration
(m/s?) in the velocity domain

Table 2. The ratio of acceleration at high speeds compared
to that at speed 5 (km/h)

Velocity

(km/h) 20 40 60 80

Linear
Pelvis 207,3 301,8 348,7 409,4

Lower 199,7 | 289,9 340,6 3937
torso
Upper 203,1 | 294,7 359,8 401,6
torso
Head 199.8 | 289,6 3433 395,7
Average | 202,5 294 348,1 400
Nonlinear
Pelvis 199,7 | 2914 3452 3953
Lower 199,6 | 290.4 347,9 394.8
torso
Upper 206 299,7 360 408,2
torso

Head 199,6 290,1 353,7 396,3
Average 201,2 292,9 351,7 398,7

Table 2 shows that the level of acceleration increasing
of the body's parts according to the speed at each
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surveyed speed is approximately the same and gradually
increases as increasing speed with an average increase of
201% - 202% (20 (km/h)) to 398% - 400% (80 (km/h))
for linear and nonlinear cases, respectively. Accordingly,
the average acceleration increase of all parts at each
speed of the linear and nonlinear cases has a minimal
difference of less than 5%. Considering the same body
part, the acceleration in the linear case is always greater
than the nonlinear case for all vehicle speed values. In
addition, the difference between the linear and nonlinear
cases gradually increases with vehicle speed. At a speed
of 80 (km/h), the difference in head acceleration is 0,07
(m/s?), an increase of 2,8 times compared to that at 5
(km/h), which is 0,025 (m/s®). Similarly, the acceleration
in the upper and lower torso is approximately 3.96 times,
and the pelvis is 3,34 times.

Considering the same vehicle speed value, similar to
the survey results in the time domain, the head
acceleration is always the largest, gradually decreasing
according to the upper torso, lower torso, and pelvis for
both linear and nonlinear cases throughout the speed
domain. The acceleration relationship between body
parts is evaluated based on the acceleration ratio of the
parts compared to the pelvis. The calculation results are
summarized in Table 3.

Table 3. The acceleration ratio of the body’s parts
compared to the pelvis

Velocity
(km/h) 20 40 60 80 Average
Linear
Pelvis 100 100 | 100 | 100 100
Lower 126 | 1257 | 127,8 | 1258 | 1263
torso
Upper 128 | 127.8 | 1305 | 1283 | 1287
torso
Head 139 138 | 141,6 | 139 139,4
Nonlinear
Pelvis 100 100 | 100 | 100 100
Lower | 135 | 1298 | 1312 | 130 | 1303
torso
Upper 11345 | 1339 | 1358 | 1345 | 1346
torso
Head 146,6 | 1462 | 1487 | 1472 | 1472

Table 3 shows that the acceleration ratio between
body parts in the nonlinear case is larger than in the
linear case, and this ratio is almost equal at the surveyed
vehicle speed values with a slight difference of less than
4%. On average, the acceleration values of the head,
upper, and lower torso in the linear case are 39,4%,
28,7%, and 26,3%, respectively, larger than the pelvis
and 47,2%, 34,6% and 30,3% in the nonlinear case.

*Health

The driver acceleration value A(8) is used to
evaluate the impact of vibration on health based on the
2002/44/EC standard calculated according to (22) with
the actual working time of 50 minutes, resulting in
Figure 23. Accordingly, the A(8) value in Figure 23 is
calculated according to the acceleration data in Figure
22, so the changing trend of the 4(8) value is the same
as that of the a,, value. Figure 23 shows that vibration
transmitted to the body parts does not affect health in all
surveyed cases.
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Figure 24. SEAT values in the velocity domain

The results in Figure 24 show that the change in
SEAT value with speed is entirely insignificant. How—
ever, the vibration isolation ability of the seat suspen—
sion system in the linear and nonlinear cases differs by
19% when the average SEAT values in the nonlinear and
linear cases are 93% and 74%, respectively. This result
shows that the seat suspension system has contributed to
reducing from 7% to 26% of vibrations transmitted from
the floor to the seat surface when the floor power
spectrum has a reference value of @, = 3,1.10°
(m*/rad), which is relatively small.
5.2 Harmonic

The acceleration and displacement responses of human
body parts and the seat suspension system according to
frequency are synthesized and compared for two
nonlinear and linear seat suspension systems cases.
Accordingly, the difference in the behavior state of the
model between the two survey cases at the resonance
points (extremes) and behavior change points (starting
to exceed 1 and falling below 1) are focused.

5.2.1. Time domain
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Figure 25. Acceleration response over time at the seat
frame and driver's head, with excitation frequency f= 2 (Hz)
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Figure 26. Displacement response over time at the seat
frame and driver's head, with excitation frequency f= 2 (Hz)

Figures 25 and 26 depict the response over time at
typical elements of the model, such as the seat frame
and driver's head, with excitation frequency f'= 2 (Hz)
for linear and nonlinear seat suspension systems.
Accordingly, with the same excitation frequency f at the
seat frame, the acceleration response over time of the
nonlinear model, when stable, is phase delayed and has
an amplitude of 0,26 (m/s®) higher than that of the linear
model 0,215 (m/s®). However, at the head position, the
difference in acceleration amplitude of the two linear
and nonlinear cases is minimal, reaching 0,12 (m/s’),
nearly 50% lower than that of the seat frame. The head
displacement in Figure 26 is larger than the seat surface
displacement in linear and nonlinear cases,
corresponding to the acceleration results in Figure 25. In
addition, the phase and amplitude differences between
the linear and nonlinear cases of the displacement
response are minor at steady state.

5.2.2 Frequency domain
Figure 27 shows the acceleration response considering
the influence of frequency GA4, at body parts when

subjected to harmonic excitation. In general, the case of
a linear suspension system has a more extensive
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behavior of the frequency and the response values at the
resonance point than the case of a nonlinear seat
suspension system. Specifically, the resonance point of
the linear case is at frequency /= 3,25 (Hz) with value
GAA; = 1,43, and the resonance point of the nonlinear
case is at f = 2,5 (Hz), GA4, = 0,9. Thus, at the reso—
nance frequency, the GAA4, value of the linear model is
1,6 times larger than the nonlinear model. In addition, in
the nonlinear model, the body parts have approximately
the same resonant frequency and response value. In
contrast, in the linear model, the resonant frequency of
the pelvis is 9,1% lower than the other parts. In the
frequency range from 0,5 — 2,5 (Hz), the GAA4,values of
the linear and nonlinear cases are equivalent for all body
parts. In the frequency range of 2,5 - 8 (Hz), the GAA4,
value of the linear case is larger than that of the
nonlinear case; outside this frequency range, the
acceleration response value between the two cases is
approximately the same when considering the same
body part. When used, the difference in the gain
response and vibration reduction considering the influ—
ence of frequency in the two cases should be consi—
dered. While in the nonlinear case, the seat suspension
system effectively absorbs vibrations throughout the
frequency domain, in the linear case, the seat suspension
system amplifies vibrations in the frequency range of
2,5-5 (Hz).
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GAA =143 mm Head linear
Upper torso linear
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Figure 27. Gain response of the acceleration of the driver's
body parts on the frequency domain GAAs

Figure 28 shows the displacement response of the
driver's body parts on the frequency domain GAD, in
linear and nonlinear cases. Similar to the acceleration
response in Figure 27, the GAD, value of the linear case
is always higher than the nonlinear case when
considering the same body part in the frequency range 2
- 8 (Hz). Outside this frequency range, the GAD, values
of the two cases are approximately the same. The linear
case's resonance frequency and response values are 2,75
(Hz) and GAD,; = 2,16, respectively, which are 1,38
times and 1,14 times larger than the resonance
frequency, as well as the response values of the
nonlinear case. The displacement response of the body
parts in both cases exceeded 1, amplified by nearly 90%
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and 116% in the frequency range 0,5-3,5 (Hz) and 0,5-
5 (Hz), corresponding to nonlinear and linear cases.
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Figure 28. Gain response of the displacement of the
driver's body parts on the frequency domain GAD;

* SEAT;

Figure 29 describes the vibration isolation ability of
the seat suspension system according to the excitation
frequency. Similar to Figure 27 and Figure 28, the
SEAT; value in the frequency range 2 — 8,5 (Hz) in the
linear case is always higher than in the nonlinear case
and is approximately the same outside the above
frequency range. In addition, in the frequency range 0,5
— 8,5 (Hz), the SEAT, value is always higher than 1, so
the vibrations from the floor transmitted to the driver's
body are amplified by the highest amount of 285% and
345%, respectively with nonlinear and linear cases. In
the frequency range greater than 8,5 (Hz), the SEAT)
value is always less than 1, so the seat suspension
system isolates vibrations at high frequencies well. The
amplification of vibrations in the low resonant
frequency region of 1,5 - 5 (Hz) and the effective
isolation of vibrations in the higher frequency region are
consistent with the results of studies [6,7,9]. Thus, the
maximum SEAT, value of the linear case is 16% larger
than the nonlinear case, corresponding to SEAT, = 4,45
at f=3 (Hz) and SEAT,= 3,85 at =2 (Hz).
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Figure 29. Seat effective amplitude transmissibility in the
frequency domain SEAT;
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* GASRD;

Considering the excitation frequency domain, the
relative displacement response value of the seat
suspension system compared to the excitation from the
floor GASRD; only exceeds 1 in the frequency range of
1,9 — 4,5 (Hz). The highest level of displacement ampli—
fication ranges from 22% at frequency f'= 3,25 (Hz) to
30% at frequency f = 2,5 (Hz) for linear and nonlinear
cases, respectively. In the frequency range from 0,5 —
2,5 (Hz) and 4,5 - 20 (Hz), the GASRD; value in the
nonlinear case is always larger than the linear case. In
addition, in the frequency range from 0,5 — 2,5 (Hz) and
9,5 - 20 (Hz), the GASRD, value increases as increasing
excitation frequency.
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Figure 30. Gain response of the seat suspension relative
displacement in the frequency domain GASRD;

6. CONCLUSIONS

The dynamic model of the bus driver's seat suspension
system with nonlinear elastic and damping elements,
considering the dynamic influence of the guiding
mechanism, has been entirely built. Vibration
simulation results of the nonlinear suspension system
are compared with the simple linear suspension system,
from which the following conclusions are presented:

* In the average working velocity of 48 (km/h), the
a,, value of body parts in the linear case is over 30%
larger than the nonlinear case, specifically 32% in the
head, 40% in the pelvis, 33.5% in the upper torso and
35,5% in the lower torso. However, both cases showed a
level of sensation in the range without any
uncomfortable sensations. The seat suspension system's
SEAT value (%) reaches 93,5% and 74,1% for the linear
and nonlinear cases, respectively.

* The comfort level and health when considering
body parts increase as vehicle speed increases in linear
and nonlinear cases. When considering the same body
part, the acceleration of the linear case according to ISO
2631:1-1997 standard is always more significant than
the nonlinear one. Considering the same part, the
average acceleration increase of all parts at each speed
of the linear and nonlinear cases has a minimal
difference of less than 5%. Considering the same
vehicle speed, the average acceleration increase of the
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parts in the nonlinear case is 8% larger than the linear
case.

* The vibration isolation ability of the seat susp\-
ension system in the linear and nonlinear cases differs
by nearly 19% when the SEAT value in the nonlinear
and linear cases is 74% and 93%, respectively.

* Response values in the frequency domain, inclu—
ding acceleration response, displacement response, and
vibration isolation ability in the linear case, have
extreme response values greater than the nonlinear case
by 1,6, 1,14, and 1,16 times, respectively. In the
frequency range from 2,5 — 8,5 (Hz), the response value
in the nonlinear case is always smaller than the linear
case and vice versa when outside this frequency range.
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NOMENCLATURE

mg, =35 (kg) Mass of seat frame and cushion
m, = 38 (kg) Mass of pelvis

my=17,5 (kg) Mass of lower torso

m, =15 (kg) Mass of upper torso

my, = 4,17 (kg) Mass of head

kse (N/m) Air spring’s stiffness

kg = 58400 (N/m) Cushion’s stiffness

ke = 20000 (N/m) lsotgir;etisr ;D:tween pelvis and
Stiffness between pelvis and
upper torso

Stiffness between upper torso
and lower torso

Stiffness between head and
upper torso

Damper’s damping coefficient

Ky = 144000 (N/m)
K = 10000 (N/m)

Ko = 166990 (N/m)

¢se (Ns/m)
cq =217 (Ns/m)

¢pir =330 (Ns/m)

Cushion’s damping coefficient

Damping coefficient between
pelvis and lower torso
Damping coefficient between
pelvis and upper torso
Damping coefficient between
upper torso and lower torso
Damping coefficient between
head and upper torso
Displacement of seat frame,

Cpue =909 (Ns/m)
Cre = 200 (Ns/m)

Chur = 310 (Ns/m)

yse: yp; .
pelvis, lower torso, upper torso,
Vi Yuw Y () h
ead
Yse>Vp» (m/ Velocity of seat frame, pelvis,
Vs Vut> Vi ) lower torso, upper torso, head
Voo ¥ Acceleration of seat frame,
se> ) p» 5 X
oL (m/fs) pelvis, lower torso, upper torso,
YierYur> Vi head
y(f) (m) Vehicle’s floor excitation
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2=9,81 (m/s%)
©=0,08
[=A4C=0,36(m)

Gravitational acceleration
Friction coefficient between
sliders and sliding rails

Guiding swing length

MOPEBEILE MMOHAILIABA BUBPALIJA
JUHEAPHOT Y HEJIMHEAPHOT CUCTEMA
BEIIAIA CEJIMIITA BO3AUA AYTOBYCA

KOPUCTERHM MOJIEJ 510

®.H. Jaun

Bubpauuje Bemama BO3aueBOr  CEAMINTA  CE
aHanmu3upajy kopumhemem 5/J0® wmoxpena. Cucrem
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Bellatha CeINUIITa YKJby4Uyje Ba3myLIHy OINpPYry H
XUAPAYIMYKH aMOPTH3Ep KOjH HMa HEJIHMHEapHO
noHamame oapeheno excnepumentanno. CiydajHa
noOyna up(T) je cumynupana ca cragaapaom MUCO 8608
Kpo3 yOp3ame BHOpaiuja moma poOujeHo momohy
ypehaja BM31. Pamau mapamerpu yKIJbydyjy CHOCOO—
Hoct m3omanuje BuOpamuja CEAT (%), HMBO ymoO—
noctu aB (M/c”) (ISO 2631:1-1997) u yrunaj Bubpammja
Ha 31paBise A(8) (2002/44/EC). [Ipu npocedHoj Op3uHU
on 48 (kM/X), BpEOHOCTH aB JIEJIOBA TeJa y JIHMHEAPHOM
ciydajy cy Behe Hero y HelnmHeapHOM CIyd4ajy, TadqHO
32%, 40%, 33,5% u 35,5% y rnaBu, KapauLy, TOPHEM
Jielly TpyTa U I0HeM Jeny Tpyna, peciektuBHo. CEAT
BpeaHocT nocTwke 93,5% u 74,1% 3a nuHeapHe u
HeJIMHeapHe Clly4ajeBe, PeCIIeKTUBHO.
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